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Dynamic simulations of vapor compression system are an important field of research since they allow investigation 
into the behavior of a system under time-varying conditions, which is essential for development of an effective control 
strategy for the system. It is particularly important for advanced cycles such as a flash tank vapor injection (FTVI) 
cycle since additional control parameters, such as injection vapor temperature or flash tank liquid level, are involved. 
In this study, a mathematical model for an R410A-based FTVI cycle is developed in Simulink. The model has been 
used to simulate the operation of the system at ASHRAE High Temperature Cyclic test condition. The simulation 
results have been validated against measured data. The test methodology involved a startup cycle lasting for 1000 
seconds, followed by several step changes in the EEV opening area lasting for 1500 seconds. The results compare 
reasonably well with the experimental results, as well as with the simulation results from models developed on the 






Flash Tank Vapor Injection (FTVI) heat pump systems consist of a flash tank that separates out the two-phase 
refrigerant coming from the condenser and the high side expansion valve, into its constituent vapor and liquid phases. 
The vapor phase is then injected into the compressor, while the liquid phase is made to undergo a second-stage 
expansion before being fed into the evaporator. One of the advantages of using such a system is that the discharge 
temperature at the compressor outlet is lower, and therefore allows an increase in capacity in low ambient temperature 
conditions. 
 
However, FTVI systems pose additional challenges compared to traditional systems since additional control 
parameters, such as flash tank liquid level, or EEV opening area have an impact on optimum system operating 
conditions (Xu et al., 2011a). Traditionally, experimental studies have been needed to compare different control 
scenarios and come up with proper control variables (such as PID parameters). However, although experimental 
studies give the most comprehensive and reliable data, such studies are time-consuming, more expensive, and usually 
more complicated to perform than numerical simulations. 
 
Thus, a validated dynamic model that can account for the major transient behaviors of FTVI systems is desirable from 
the point of view of system design and control algorithm development. In this paper, a Simulink® based model has 
been developed for the simulation of an FTVI system built in-house. The model has been validated against 
experimental data (Xu et al., 2011a) for a startup simulation in heating mode, followed by an examination of the 
impact on the system of step changes in the EEV opening. The results are also compared against a transient model 
developed on the Modelica platform in a separate study (Qiao et al., 2012). 
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2. SYSTEM DESCRIPTION 
 
The FTVI system consists of an economized vapor injection scroll compressor. The injection port can be turned on or 
off. Figure 1 shows a schematic of the experimental facility. The indoor unit is mounted inside a wind tunnel, whereas 
the compressor, outdoor unit and flash tank are mounted in an environmental chamber. High pressure refrigerant from 
the compressor is discharged into the condenser, where it rejects heat to the ambient air and liquefies, the subcooled 
liquid is then fed into the upper stage electronic expansion valve. The expansion process creates a two-phase mixture 
which is separated into saturated liquid and vapor inside the flash tank. The refrigerant vapor from the flash tank is 
injected to the compressor through the vapor injection port. The saturated liquid is fed into a TXV, where it undergoes 
a further drop in pressure. The low pressure, low temperature refrigerant absorbs heat from the surroundings inside 
the evaporator, and is subsequently fed to the compressor where it mixes with the injection vapor and is compressed 




Figure 1. Flash Tank Vapor Injection Experimental Facility Schematic  
 
  3. SYSTEM MODELING 
 
The mathematical models used to create the components are described briefly in this section. Further details about the 
model architecture can be found in Ling et al. (2015). The models involved in the FTVI system include an economized 
scroll compressor, two heat exchangers, a TXV and an EEV model, a flash tank model and piping.  
 
3.1 Economized Scroll Compressor 
The scroll compressor with a vapor injection port is modeled as a set of three sub-components: the suction chamber, 
the scroll-set and the discharge chamber. The suction chamber is modeled as an accumulator (with a lumped volume 
assumption) since, during initial startup, liquid flooding occurs in the suction chamber and it is important to account 
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for this phenomenon. In the suction chamber, the saturated liquid and saturated vapor are separated out, and the 
saturated vapor is sucked into the scroll set. The compressor power consumption is calculated using curve-fitted 
correlations derived from experimental data, with inputs including the overall and intermediate pressure ratios as well 
as suction and injection densities. 
 
The scroll-set is modeled using a quasi-steady state assumption. That is, the mass flow rate calculation is assumed to 
change instantly with change in pressure. This is because the timescales associated with changes in the mass flow rate 
are small compared to thermal dynamics of the heat exchanger (Winkler, 2009). The mass flow rate of the suction 






m Disp    (1) 
 
Where, Disp is the displacement volume; RPM is the compressor rotation speed; suc is the suction density and the 
volumetric efficiency ( vol ) is derived from experimental data.  
 
The compression process is a two-stage process. In the first stage, vapor from the suction chamber is compressed to 
an intermediate stage. The intermediate pressure is calculated assuming a polytropic compression process, as shown 
in Equation (2) 
 int
n
sucP P    (2) 
 
Where, ζ is the first stage volume ratio (with a value of 1.21 in this study), and n is the polytropic constant (1.35 in 
this case).  The volume ratio has been optimized during experiments. 
 
In the second stage, the intermediate pressure refrigerant mixes with the refrigerant coming from the flash tank, and 
the mixture is compressed to the discharge pressure. The discharge chamber is modeled as a lumped control volume, 
and the mass and energy balance equations are applied to it. 
 
3.2 Expansion Valves 
The systems consists of two expansion valves: a thermostatic expansion valve (TXV) and an electronic expansion 
valve (EEV). Both valves are modeled using the same component architecture for the valve bases: a lumped control 
volume accounts for the refrigerant charge inside the valve, followed by a pressure loss component which accounts 
for the quasi-steady expansion process. The mass flow rate is calculated using the format shown in Equation (3) 
 .vm C A P    (3) 
 
The TXV model considers the force balance acting on the diaphragm. More details about the model can be found in 
Ling et al. (2015). The EEV in the current study is used as a variable-opening generic orifice, and is modeled as such 
for the sake of simplicity. Valve opening (A), as a percentage of maximum opening, can be specified as a user input. 
The flow coefficient, Cv, is derived from experimental observations.  and ∆P represent the refrigerant density and 
pressure difference across the valve, respectively.  
 
3.3 Heat Exchanger 
The heat exchangers are modeled using the finite volume method. In this method, the component is subdivided into a 
finite number of equally sized control volumes, and the governing conservation equations are applied to these volumes 
in their discretized form. 
 
The heat exchanger is analyzed as three regions: the refrigerant-side region, the heat exchanger wall region and the 
air-side region. The three regions are connected for heat transfer flow. 
 
Refrigerant Side 
The following assumptions are applied for the modeling of the refrigerant flow: 
 Fluid flow is treated as one dimensional 
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 Pressure drop calculations are assumed static 
 Axial heat conduction in the direction of flow is neglected 
 
The discretized forms of the mass and energy balance equations are applied to each control volume, shown below in 
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The refrigerant side heat transfer is calculated using Equation (6). The heat transfer coefficient, α, is calculated using 
a steady-state modeling tool, CoilDesigner (Jiang et al., 2006), for the steady value of mass flow rate, and then 
corrected for other flow rates. Tw and Tref are the temperature of tube wall and refrigerant, and Ai is the heat transfer 
area inside the control volume domain.  
 
 . .( )ref i w refQ A T T    (6) 
 
The static pressure drop is calculated using a staggered grid assumption (Patankar, 1980) which involves the solving 
of the mass and energy balance equations inside each control volume, and the pressure drop at the interface of two 







. ( )i i i i i
m
m P P sign P P
dP
       (7) 
Where, dP0 is the nominal pressure drop for a given mass flow rate ṁ0; the sign function returns the directional 
information of refrigerant flow. 
 
Heat Exchanger Wall 
The tube and fins of the heat exchanger are assumed to be lumped together into one control volume of uniform 
temperature. Thus, temperature differences and conduction within a fin control volume is neglected. The energy 







ref i air iw i
tube p tube fin p fin
Q QdT




  (8) 
 
Where, the lower case t represents the time and M and Cp represent mass and specific heat of tube and fin.  
 
Air Side 
For the air-side, the temperature, T,  and humidity ratio, ω, at the outlet of a control volume are calculated using 
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Where, Ao,eff is the outer effective surface heat transfer area.  NTB represents the number of tubes per bank for one 
heat exchanger. Le is the dimensionless Lewis number that characterizes the ratio of heat transfer and mass transfer.   
 
The air side heat transfer coefficient is calculated using the correlation proposed by Wang et al (2000). The air side 
heat transfer is calculated as shown in Equation (11) 
 
 
, , , , ,( ) ( )air air p air air in air out air fg air in air outQ m c T T m h         (11) 
Where ∆fg is the latent heat of water vapor. 
 
3.3 Flash Tank 
A uniform pressure is assumed inside the flash tank, and the vapor and liquid separation is treated as ideal. The mass 
and energy balance equations are shown in Equations (12) and (13). 
 
 in liq vap
d
V m m m
dt

     (12) 
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The outlet enthalpy for the vapor and liquid pipes is calculated by comparing the mean density,  , with the density 
of the saturated vapor. If the mean density is higher, that means that some liquid must exist inside the flash tank. The 
outlet enthalpy from the liquid pipe is thus the saturated liquid enthalpy, whereas for the vapor pipe it is the saturated 
vapor enthalpy. If only vapor exists inside the flash tank, then the outlet enthalpy from both pipes is the mean enthalpy.  
 
3.4 Pipe Model 
The pipe models are the same as the heat exchanger model, except air convection is treated as natural convection only. 
 
4. MODEL IMPLEMENTATION 
 
The system model was implemented in Simulink, as shown in Figure 2. The solver used was ode23t (Shampine et al., 
1999), with a relative tolerance setting of 1E-6. R410A was used as the refrigerant. The test was conducted at the 
ASHRAE High Temperature Cyclic conditions, with an indoor condition of 21°C, 48% RH and outdoor condition of 
8.3°C, 75% RH. Two comparisons were performed. The first was a system startup which lasted for 1000 seconds. 
This was followed by a test for analyzing the impact of step changes in the EEV opening, which lasted for an additional 
1500 seconds. A framework has been developed from which components can be dragged, dropped on the canvas and 
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Figure 2. Simulink FTVI Model 
5. RESULTS 
 
The results of the simulation were compared against the experimental data collected by Xu et al. (2011b), and also 
against a similar mathematical model built on the Modelica platform by Qiao et al (2012).  
 
Figure 3 shows the comparison for the compressor pressure levels. During initial startup, the discharge pressure 
increases rapidly for the first hundred seconds, and then gradually tapers off, reaching a steady state value of about 27 
bar around 600 seconds. The transients for the suction and injection pressures are more benign since the steady-state 
values are closer to the initial conditions.  
 
 
Figure 3. Suction, Intermediate and Discharge Pressures during Startup 
 
Figure 4 shows the comparison of the suction, injection and discharge temperatures. The discharge temperature 
increases quickly during the first 100 seconds, with the rate of increase reducing beyond that. For the Simulink model, 
the discharge temperature transients are more severe during the initial stages. The injection temperature prediction is 
less accurate than the Modelica model, and this is directly related to the inaccuracies in the injection pressure results. 
The suction temperature decreases during the initial stages, then increases slowly and eventually reaches a steady state 
value of about 8 degree Celsius. 
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The condenser and evaporator capacities and the compressor power consumption are shown in Figure 5. It can be seen 
that Simulink under-predicts the steady-state condenser (indoor unit) capacity by around 1.5 kW. For the evaporator 
(outdoor unit), only the Modelica comparison is shown since the air flow rate in the environmental chamber could not 
be measured. 
 
Figure 6 shows the refrigerant mass distribution within the different components. The solid lines are Simulink results 
while the dashed lines are Modelica results. In the initial stages, refrigerant migrates out of the evaporator, where most 
of it resided before startup, and the charge level in the condenser increases, corresponding to the increase in discharge 
pressure. The charge in the flash tank also empties out, corresponding to the reduction in the liquid level inside the 
flash tank. At steady state conditions just over 50% of system charge is in the condenser.  It can also be seen that a 
significant amount of charge resides in the compressor and pipes, which makes a good case for not neglecting the 
piping volume in simulations.  
 
 
Figure 4. Suction, Intermediate and Discharge Temperatures During Startup 
 
Figure 5. Condenser Capacity and Compressor Power Consumption during Startup 
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Figure 6. Charge Ratio during Startup 
After the system reached steady state, the EEV opening was increased in a series of steps and the results were 




Figure 7. EEV Opening Fraction 
 
The comparison of the pressure changes are shown in Figure 8. The discharge pressure decreases as the EEV opening 
increases, whereas the injection pressure increases with the opening. The larger opening of the EEV leads to a higher 
mass flow rate, which causes the aforementioned reduction in pressure ratio. The disparity in the prediction of the 
steady-state value of the injection pressure is propagated when simulating changes in the valve opening. The suction 
pressure remains virtually unaffected with the changes in the high side EEV opening. 
 
Figure 9 shows the comparison for the temperature changes. The discharge temperature decreases with an increase in 
valve opening due to the reduction in compressor pressure ratio. A more accurate compressor model could potentially 
improve the discharge temperature predictions. The injection temperature does not experience much change with the 
change in valve opening. As with the suction pressure, the suction temperature is unaffected by valve opening. 
 
Figure 10 shows the change in the liquid level in the flash tank along with the change in the refrigerant mass 
distribution. As the high side EEV starts to open more, the liquid level of the flash tank starts to rise, which corresponds 
to an increase in the ratio of charge stored in the flash tank.  
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Figure 8. Pressure Comparison during EEV Step Change 
 
Figure 9. Temperature Comparison during EEV Step Change 
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A Simulink-based model was developed for performing dynamic simulations of an FTVI heat pump system. The 
model was validated against experimental data for a startup simulation in heating mode, followed by step changes in 
the EEV opening. Parameters such as the pressures, temperatures, superheat values and capacity and power 
consumptions were compared. The simulation results are reasonably accurate compared to experimental data. Future 
work for this project will involve investigation into the differences between the two platforms, specifically in regards 
to the solvers used as well as the impact of the acausal paradigm of Modelica, versus the relational paradigm of 





a Curve fit coefficient 
A Area 
ṁ Mass flow rate 
cp Specfic heat capacity 
Cv Flow coefficient 
h Specific Enthalpy 
Le Lewis Number 
M Mass 
NTB Number of Tubes per Bank 
ω Humidity ratio 
P Pressure 
Q Heat transfer rate 
ρ Density 
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